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ABSTRACT

In this paper, a novel approach to reduce the efénegative damping that causes
friction induced vibration (FIV) is proposed by apiplg an active force control
(AFC) based strategy to a simplified two degreereédom disk brake model. At
first, the model is simulated and analyzed usirgjoaed loop pure PID controller.
Later, it is integrated with AFC and simulated undénilar operating environment.
After running several tests with different setopérating and loading conditions,
the results both in time and frequency domains sti@atthe PID controller with
AFC is much more effective in reducing the vibratioompared to the pure PID
controller alone.

Keywords: Active force control, disk brake, friction induceitbration, negative
damping.

1.0 INTRODUCTION

The problem of friction induced vibration existsalmost all mechanisms that are
utilizing sliding surfaces, and in order to keepe tmechanism under smooth
operation, it is required to reduce this problemnasch as possible. Disk brake
system is one of the mechanisms that gets affeniddcauses noise due to friction
induced vibration.

Disk brake noise in an automotive system is alwaien into consideration
by the designers and manufacturers due to thetiattt may cause discomfort to
the passengers and adversely affect their perceptibthe quality and reliability of
the vehicle. Thus, noise generation and suppredsime become an important
factor in the design and manufacture of brake camapts. Indeed, as noted by
Abendroth and Wernitz [1], a large number of maotifeers of brake pad materials
spend up to 50% of their engineering costs on sselated to noise, vibration and
harshness. Brake noise vibration phenomena arerilbedcby a number of
terminologies that are sometimes interchangeabfd usuch as squeal, groom,
chatter, judder, moan and hum [2]. Even to this, ddngre is no precise or
conclusive definition of brake squeal that has edincomplete acceptance.
Basically, there are four main mechanisms thatrdmrte to the generation of noise
in brake system, namely negative damping [3], sptag[4], modal coupling [5]
and moving load [6]. More explanation of these nagidims can be found in [2]. In
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this paper, the effect of negative damping is atergd. It occurs when the friction
coefficient decreases by the increase of the velatelocity between the rotor and
the pad in the disk brake system.

Normally there are three major methods to study metuce brake squeal,
namely through mathematical modelling, experimemtadl finite element (FE)
methods. A recent study that proposed a methodefiwcing brake noise using FE
can be found in reference [7], where the authcgated a dynamic FE model of the
brake system. In their analysis, they showed thdtgesign changes can be used in
the FE model to determine the potential improvemémtthe dynamic stability of
the system and also in noise reduction. Wageeral. presented a new
mathematical rotor based model of a brake systamigtsuitable for noise analysis
[8]. In their work, a brief description of the pieus mathematical models that have
been developed by other researchers was also desides, there is also an active
control method known as dither control which makes of high frequency
disturbance signal for the suppression of the aative disc brake squeal [9].
Through this scheme, the dither signal stabiliziesidén induced self-oscillations in
the disc brake using a harmonic vibration, withregfiency higher than the squeal
frequency generated from a stack of piezoelecements placed in the caliper
piston of the brake system. The results seem tankeeirf reducing the noise, how
ever other operating factors such as wear, temperafriction and speed are
required to be considered for evaluating the effeoess of the system.

This paper presents a closed loop control methodaogtimg Active Force
Control (AFC) with PID element applied to a brakedel described in [10] in
order to suppress the brake noise and squeal. The adaantage of the AFC
technique is its ability to reject disturbancest i@ applied to the system through
appropriate manipulation of the selected parametersaddition, the technique
requires much less computational burden and has feessfully demonstrated to
be readily implemented in real-time. AFC as firsbgnsed by Hewit and Burdess
[11] is very robust and effective in controlling rabot arm. Mailah and co-
researchers [12, 13] have successfully demonstthgedpplication of the technique
to include many other dynamical systems with theoiporation of artificial
intelligence (Al) methods.

20 THE SIMPLIFIED BRAKE

The effect of negative damping in a disc brakeeysivas investigated taking into
account a two degree-of-freedom (DOF) model basethe one described in [10].
The model as shown in Figurerdpresents the disk brake element in the form of a
two DOF system which is connected through a slidingtion interface. The
motion of the masan, may represent the tangential motion of the pad, the
second massy, may represent the in-plane motion of the disc. Adrenal forceN

is a constant load that can be computed from pre$smultiplied by the surface
area S. The dynamic friction coefficient is considered teduce by the
corresponding increase of the relative velocityslhswn in Figure 2. The relative
velocity in the figure consists of a constant valpof the disk,vo added to the
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variable velocity of the disk and subtracted frdme wariable velocity of the pad.
The friction coefficient or the slopgis known to be influential in contributing to
the vibration in the system
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Figure 1: Two DOF model of a disc brake system
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Figure 2: Dynamic friction coefficient

Equation (1) shows the linear function of the dyitaimction coefficient:
Hyg = —avyp + U (1)
The dynamic equations of motion are written asofed [10]:

My Xp+¢ Xp— Na(Xp—Xd)+lep = N(us —avg)

. . S )
My Xd + Co xd = Na(Xd = xp) + koXq =-N(ug —avg)

3.0 CONTROL STRATEGY
Upon obtaining the model of the disc brake anddltsted equations of motion, it is
required to control the vibration in both directox, and xy, by having actuators

which can apply forces that are parallel the gieems. Thus the equations of
motion after applying the actuators can be obtaasftbllows:
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mlxp+c1xp— Na(xp—xd) +k1xp = N(,uS —avo) +Ap

. : . } 3)
m2 xd+c2 xd—Na(xd—xp) +k2xd :—N(,us —avo) +Ad

A control strategy is proposed here employing artivdcForce Control
(AFC) based scheme that is used in conjunction wlith conventional PID
controller. The PID controller was first tuned wiitiegler-Nichols method and
then manipulated for good performance. Later, th€ A&rt was incorporated into
the system to provide the compensation of the diances that are inherent in the
brake system. Figure $hows the AFC scheme applied to a dynamic traoslati
system (disc brake). AFC scheme is shown to be effgctive provided the
actuated force and body acceleration are accuratebsured and at the same time
the estimated mass property appropriately appraeich§l2, 13]. The essential
AFC equation can be related to the computatiomefestimated disturbance force,
F4 as follows:

L =F-Ma (4)

whereF is the measured actuating fordd, is the estimated mass aadis the
measured linear acceleration.

This parameter is then fed back through a suitabvlerse transfer function
of the actuator to be summed up with the PID cdnsignal. The theoretical
analysis including the stability of the proposedCAmethod has been sufficiently
described in [14]. A number of methods to estinthéemass have been proposed in
previous studies such as through the use of aalifintelligence (Al) and crude
approximation techniques [12-14]. In this studye tlse of crude approximation
method to approximate the estimated mass is deesodficient. The main
challenge of the AFC method is to acquire appréprisstimation of the mass
needed to compute the disturbafgén the feedback loopA conventional PID that
is used with the AFC scheme can be typically represi by the following
equation:

Ge(s) =K, +Kils+Kgys (5)

whereK,, K; andKy are the proportional, integral and derivative gagspectively.
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Figure 3: Schematic diagram of AFC strategy
40 SIMULATION

MATLAB, Simulink and Control System Toolbox (CST) t@ére were used to
simulate the brake model with the controllers. Hotuators are assumed to be a
linear type with a suitable constant gain. They mevthe necessary external
energy to suppress vibration in the model. Thematars used in this study were
taken from the previous researches [8], [10] drd.[However, some of them need
to be adjusted to suit the application in the satiah. The detailed parameters are
given as follows:

Minimal disc brake model parameters:
» Body massesm = 0.3 kg,mp,= 2.5 kg
 Spring stiffnessk; = 26000 N/mk, = 38000 N/m
« Damping coefficientg; = 2 Ns/m,

C; = 3.5 Ns/m
 Static friction coefficient, us=0.6
e Normal preload, N =100N
Actuators:

 Actuators gain: Q(pad) = 0.4, Q(disk) = 0.6
Reference value:
» Reference input = 0.00 m (i.e. no vibration)

In this work, several types of operating conditians deliberately introduced
to the disc brake system to evaluate the robustobgke control system. The
Simulink diagram of the passive disc brake systemdehis shown in Figure 4. The
schematic block diagram was constructed from egnd#).
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In order to have an active disc brake system, twtuador forces for
compensating the disturbances (that are actualigrent in the two DOF brake
system) are required. The actuator forces are altedr by two individual PID
controllers which typically involve two negativeef@back loops. Hence, there are
two inputs to the dynamic disc brake system whightle inputs to actuator forces.
Figure 5 shows the active disc brake system.
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Figure 4: Schematic diagram of passive brake system
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Figure 5: Schematic diagram of active brake system

A better overall performance of the brake systemictde obtained when a
AFC is ‘added’ to the pure PID controller. The AB@nulink diagram includes the
estimated mass and the paramdi€). The input to the AFC control is the mass
acceleration and the output is summed with the Bdbtroller output and then
multiplied with the actuator gain which subsequeigtbnerates the actuator force.
In order to get the effective results using thishmod, it is required to acquire an
appropriate mass estimation combined with the heshg of the PID controller
gains. Figure 6 shows an AFC scheme used in thly $tusuppress the vibration
and noise of the brake model that is mainly causethe inherent disturbances in
the system. It can be seen that each PID contiisliEquipped with an AFC loop.

25



Jurnal Mekanikal, December 2009,

B
In pad
Reference FID(Pad) Actuator — Soapel
input (pad) 2 (Pa) — i In disk
Wit
—  pad
passive brake
syem Xp ot
i Wemory
AFT Oni0ff

Pat cid

EM (Fad)
b s
n ' H O b A outd

Reference PID (Did) Actuator
input (Dis) 0 (Dik) #@
Seoped
Wemaryt
AFC Oni0ff
Disk

EM (0i4)

Figure 6: Proposed AFC model

To tune the PID controllersZiegler-Nichols method with trial and error
changes was used and the results are tabulatétbas 1 Table 1. The estimated
masses for the AFC loops were obtained by crudeoappation method in which
they are shown in table 1, and the percentage & Ased is 100% (switch: ON),
implying that the AFC loop employs full AFC implentation.
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Table 1: The values for the estimated mass andlib@&ameters

PID Parameters, K, Ki Kg
PID (pad) 0.03 0.015 0.07
NA
PID (disk) 0.8 0.4 1.3

Estimated Mass (kg)

E.M (pad) 1

E.M (disk) 1.3

50 RESULTSAND DISCUSSION

The simulation was executed for a period of 5 sdso\t first, the dynamic
friction coefficient or the slope was set to 0.0ftegative damping) and with a
constant velocity of 100 km/h with simulation iaity performed using only the
pure PID controller. The results of this process lbarseen in Figures 7 and 8. It
can be observed that the vibration that may reésytroducing noise, is relatively
high especially in the first 2 seconds though iv@rges to a steady state condition
towards the end of the simulation period. Next,dimeulation was carried out again
but this time considering 100% AFC mode plus the Bontroller. Contrary to the
previous scheme, the vibration almost disappearsthmtaneously and the system
seems to operate very smoothly throughout the sitiom period

In the next simulation test, the slope with negatilamping was increased to
0.02 with the same constant velocity; the resultshis simulation are shown in
Figures 9 and 10. It can be seen that with a plibecBntroller, the vibration of the
pad is not reduced significantly though the tremdanverging, but when the mode
is switched to AFC with the PID scheme, the vilmasi are again very much
reduced to a steady state condition almost immelgiatFrequency response
analyses were also carried out and the resultsheren in Figures 11 and 12. It can
be seen that the PID controllers obviously produmesiderable sharp spikes with
high amplitude at around 45 Hz and 20 Hz while AfC-based schemes hardly
produces any peaks, thus verifying the robust aygerformance.
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Figure 7: Response of the pad (directighin the brake model having
the slope and constant velocity: 0.015v, =100km/h
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Figure 8. Response of the disk (directiqn i the brake model having the
slope and constant velocity. = 0.015v, =100km/ h
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Figure 9: Response of the pad (directighin the brake model having
the slope and constant velocity= 002, v, =100km/ h
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Figure 10: Response of the disk (directighin the brake model having
the slope and constant velocigys 002,v, =100km/ h
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Figure 11: Frequency domain response of the paeafiinx,) in the brake
model having the slope and constant velocity:
a = 002,vg =100km /h
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Figure 12: Frequency domain response of the diskdiionxy) in the brake
model having the slope and constant velogit0.02y,=100km/h
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By increasing the slope to 0.027, it can be seem fFigures 13 and 14, the
system can no longer be stabilized with a PID abletr as the vibrations are
increasing in amplitude with the increase in tit®a. the other hand, after applying
AFC to the PID controller, the vibrations in theake system are significantly and
consistently reduced to nearly zero level. FigurBsand 16 shows the frequency

responses through this simulation procedure
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Figure 13: Response of the pad (directighin the brake model having
the slope and constant velocity= 0.027,v, =100km/ h

Figure 14: Response of the disk (directighin the brake model having
the slope and constant velocity= 0.027,v, =10kkm/ h
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Figure 15: Frequency domain response of the paecdtitnx,) in the brake
model having the slope and constant velocity:
a =0.027,v, =100km/h
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Figure 16: Frequency domain response of the dis&diibnxy) in the brake
model having the slope and constant velocity0.027v, =10&n h

In this study, the effect of negative dampingoat peed was also taken into
consideration, by running the simulation under astant velocity of 25 km/h and
keeping the slope with negative damping to 0.02i& fesults of this simulation are
shown in Figures 17 and 18. The vibrations in tietién induced vibration system
were shown to have increased significantly in magle compared to the case
where the speed was set at 100 km/h. Thus, it easafely deduced that the
negative damping has more adverse effect on thterayat low speed than at the
other end. Again, when AFC was applied to the Ptbhtwller, the result was as
predicted in which the vibrations are largely s@sed. Figures 19 and 20 show
the frequency responses of this simulation.
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Figure 17: Response of the pad (directighin the brake model having
the slope and constant velocity:= 0.027,vy = 25km/ h
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Figure 18: Response of the disk (directighin the brake model having
the slope and constant velocity:=0.027v, = 25 knvh
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Figure 19: Frequency domain response of the paecdtitinx,) in the brake
model having the slope and constant veloaity0027y, =25knh
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Figure 20: Frequency domain response of the diskdiibnxy) in the brake
model having the slope and constant veloaity0027v,=25km/h

6.0 CONCLUSION

A novel proposed AFC-based scheme has been shomeduoe the vibration that is
caused due to friction induced vibration by negatdamping in the disk brake
model. According to the simulation results, it isvinus that when a pure PID
controller is applied to the FIV system, vibratiand noise are in fact gradually
reduced but still a noticeable amount of them remapecially in the first two
seconds of the simulation period, and in some céeeRID controller was not able
to reduce the vibration at all. However, upon ajpgythe AFC-based technique,
the vibration and noise are considerably reducetl approaching a zero datum,
thereby implying the effectiveness of the propostditegy in countering the
adverse operating and loading conditions. Alsowd#s noticed that negative
damping shows a more severe effect, when the bralddel is operated at a low
constant velocity. For future work it is planneddesign an experimental rig with
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controllers installed, and run a few experimentseldaon the simulations that were
done.
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